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Abstract. Emission characteristics of pure natural gas is fairly known, however more

1. Introduction

One of the favorite alternative fuels is natural
gas. It is composed of methane with molar H/C ratio
of 3.8 comparing with ratios of 1.8-2.0 for gasoline
and diesel fuels. This higher ratio reduces CO2
emission and so its greenhouse e ects. 1 g methane
produces 0.056 g CO2 /kJ while 1 g of gasoline and
diesel produces 0.068 g CO2 /kJ and 0.071 g CO2 /kJ
respectively. CO2 emission of natural gas engine is
about 20% lower than that of gasoline engine at the
same power [2]. Natural gas produces lower CO and
THC emissions. Higher RON of natural gas allows
higher compression ratio thus producing higher thermal
eciencies. It also has relatively wider ammability
limits, with better combustion in lean-burn strategies.
Natural gas gives lower engine volumetric eciency due

Natural gas;
Turbocharged;
Turbulence and
combustion
simulation;
Thermal boundary
layer;
NOx ;
CO;
UHC;
CO2 .

experimental investigation of natural gas combustion is necessary. In this research, emission
and performance of a turbocharged natural gas SI engine are investigated experimentally
at WOT and lean burn conditions. A computer code is also developed in MATLAB
environment for predicting engine performance and NO emission and the results are
validated with experimental data. Thermal boundary layer, as a novel approach, is
considered in the simulation and a better agreement of predicted mass fraction burned
was achieved at end part of combustion process when compared with experimental results.
Experimental results have revealed that turbocharger match at mid engine speed, wastegate opening and increase of friction losses at high engine speed resulted in better torque
back-up. Boost pressure, controlled by compressor outlet pressure, remained nearly
constant at speeds higher than 1450 rpm. NO emission reduced with engine speed increase
due to shorter time that burned gases remain at high temperatures, although they have
higher temperature at higher speeds. It however increased with the increase of excess air
ratio until it reached to its peak value at about 1.1 from stoichiometric mixture and then
decreased, while it decreased substantially with increase of spark timing retard. Brake
speci c UHC and CO2 emissions were min at mid speed range and WOT.
© 2014 Sharif University of Technology. All rights reserved.

Fossil fuel consumption is steadily increasing as a
result of population growth and improvements of living
standard demand. World total energy consumption has
grown by about 36% over the past 15 years. Internal
combustion engine fuel resources depend on availability
of fossil fuel supplies. Strict emission regulations
are another issue facing the current generation of IC
engines [1].
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to its injection in the intake manifold (compared to
diesel fuel) and its lower stoichiometric fuel/air ratio
(compared to gasoline) thus provides less power output.
CNG DI engines have good volumetric eciencies, but
they have problematic load control and diculties in
injection control and technology and durability test.
Turbocharger can o set this power reduction. It uses
exhaust gas energy to compress intake air; therefore
more fuel per displacement volume can be burned in a
cycle. Turbocharging of SI engines has been improved
less than diesel engines due to many diculties, like
knock phenomena and turbocharger matching with
throttle valve [3].
Natural gas has signi cantly larger proven reserves compared with crude oil. The current known
Reserves-to-Production (R/P) ratio for crude oil is
about 40 years, while for natural gas it is about 60
years [1].
Emission standards are expected to become
stricter in future. The European Automotive Manufacturers Association has determined 130 g/km CO2
emission target for 2012 to 2015, with an additional
10 g/km CO2 emission reduction coming from \complementary measures" including a greater use of biofuels.
65 percent of new cars will have to comply with the
emission requirements in 2012, 75 percent in 2013, 80
percent in 2014 and 100 percent in 2015 [4]. NOx
emission has been the strictest Euro emission standard,
with a limit of 0.4 g/(kWhr) in Euro VI. Table 1 shows
standard values of emissions in recent years.
Cho and He [2] reviewed SI natural gas engines.
Engine operating map, fuel economy, emissions, cycleto-cycle variations in IMEP and strategies to achieve
stable combustion of lean burn natural gas engines
were highlighted. Stoichiometric natural gas engines
were also brie y reviewed. They concluded that high
activity catalyst for methane oxidation and lean deNOx system or three-way catalyst with precise air-fuel
ratio control strategies should be developed to meet
stringent emission standards.
Rothlisberger and Favrat [6] investigated the
operation of a cogeneration natural gas engine with
prechamber. They presented the limit of conventional
lean burn operating mode with spark ignition (without
prechamber) and discussed the prechamber geometrical

Table 1. The European emission standards, g/kWh [5].
Year Standard CO HC NOx PM
1992
1996
2000
2005
2008
2013

Euro I
Euro II
Euro III
Euro IV
Euro V
Euro VI

4.5
4
2.1
1.5
1.5
1.5

1.1
1.1
0.66
0.46
0.46
0.13

8.0
7
5
3.5
2
0.4

0.36
0.15
0.1
0.02
0.02
0.01
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con guration. They illustrated the in uence of piston
geometry and concluded that in comparison with the
spark ignition (without prechamber), the prechamber
ignition strongly intensi ed and accelerated the combustion process.
In another research [7], they studied the in uences of spark timing, turbocharger speci cations and
engine load on prechamber ignition operation. They
also presented a comparison between spark (without
prechamber) and prechamber ignition. It was found
that at rated power output, the prechamber ignition
operation ful lled the Swiss requirement for emission
and achieved fuel conversion eciency higher than
36.5%.
We have also studied turbocharged aftercooled
gasoline engines by simulation and experiment [8]. We
applied quasi-dimensional simulation on the engine
and validated it with experiment results. We also
found that intercooler fan had considerable e ects on
the turbocharged aftercooled engine performance at
medium and high engine speeds at WOT and could
be o at low loads and speeds.
Ghareghani et al. [9] investigated the thermal
balance of a turbocharged, spark ignition engine fuelled by natural gas. Variation of output power,
transferred energy to cooling uid and exhaust gas
energy at di erent operating conditions were compared
experimentally. The maximum thermal eciency of
the turbocharged engine was 4% more than naturally
aspirated at 2500 rpm. Also, the maximum thermal
eciency of the gas engine at 2500 rpm was 4.5% more
than gasoline engine. Finally, based on experimental
results, an empirical correlation was suggested to predict the energy of exhaust gases by using exhaust gas
temperature and air fuel ratio.
Park et al. [10] investigated the applicability of
a preexisting turbocharger designed for a CNG engine
and correlated changes to the compression ratio with
fuel economy, power, and torque levels of an HCNG
engine. The potential bene ts and the knocking
characteristics of an HCNG engine with a higher compression ratio were assessed as considerations regarding
its practical application in the eld. Thermal eciency was improved with the increase in compression
ratio but adverse e ects occurred and the excess air
ratio that helps realize maximum thermal eciency
decreased from 1.8 to 1.6 for an HCNG engine due to a
decrease in exhaust gas energy available for intake-air
charging.
Use of stoichiometric air-fuel mixture with Exhaust Gas Recirculation (EGR) technique in a SI
natural gas engine was experimentally investigated
by Ibrahim and Bari [5]. Engine performance and
NO emission were studied for both atmospheric and
supercharged inlet conditions. It was found that the
use of EGR had a signi cant e ect on NO emissions.
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Ibrahim and Bari [11] also compared the e ects
of both EGR and lean burn on natural gas SI engine
performance at similar operating conditions. It was
found that EGR dilution strategy was capable of
producing extremely lower NO emission than lean burn
technique. NO emission reduced by about 70% when
the inlet charge was diluted at a rate of 20% using EGR
instead of excess air.
Kesgin [12] studied the e ects of design and
operational parameters on the NOx emissions of a
turbocharged natural gas engine. A gas engine series
used in combined power plants was optimized regarding
power, eciency and emissions. Since evaluation of the
emission behavior has become increasingly important,
the nitrogen oxide emission and its dependence on
engine operational and geometrical conditions were investigated by using a zero-dimensional reaction kinetic
model. The results showed improvement potential from
emission point of view for developing new engines.
They concluded that increase in engine speed, and
also increase in excess air ratio caused a signi cant
decrease in NO emissions. He also showed that charge
temperature highly a ected the level of NO emissions.
In another paper [13], Kesgin predicted the e ects of
design and operating parameters on the NOx emission
of the same engine series, by genetic algorithm and
arti cial neural network. Kesgin also [14] investigated
the e ects of turbocharging system on the performance
of the stationary engine. The e ects of exhaust
and turbocharging system parameters on the engine
performance were predicted. Furthermore, he [15]
investigated the inlet and exhaust system design of
the stationary engine. Proper sizing of the inlet and
exhaust pipe systems were precisely predicted.
Pourkhesalian et al. [16] performed a detailed
comparison between some conventional and alternative
fuels. Engine performance and exhaust emissions
were experimentally studied for gasoline, methane
and methanol in a wide range of engine operating
conditions. For propane, ethanol and hydrogen, a
thermodynamic model of SI engine was developed and
validated. It was concluded that volumetric eciency
of the hydrogen engine was the lowest (28% less that
gasoline engine), gasoline produce more power than
the all other alternative fuels, and BSFC of methanol
was 91% higher than that of gasoline while BSFC of
hydrogen was 63% less than that of gasoline.
Korakianitis [1] extensively reviewed use of natural gas as a fuel in reciprocating CI and SI engines.
Engine performance, combustion characteristics and
emission levels were investigated.
There is more need for experimental and theoretical studies of natural gas combustion in internal
combustion engines. For instance the turbulent ame
speed, ame propagation characteristics, and emissions
generation characteristics of pure natural gas in these

engine operating conditions are not well known yet [1].
Here, a turbocharged pure natural gas SI engine is
investigated experimentally. A thermodynamic simulation of the turbocharged pure natural gas SI engine
in Matlab environment has also been developed and
validated. Laminar ame speed of Witt and Griebel
for CH4 quoted by Lammle [17] is applied. Mean value
modeling of Bargende also quoted by Lammle [17] has
been used to calculate turbulence parameters during
compression and combustion processes. Intake ow
e ects on Turbulent Kinetic Energy (TKE) have been
taken as initial values. Compression, squish and
dissipation e ects on TKE have been considered in
step by step calculations. Gulder equation [18] has
been used to calculate turbulent ame speed from
laminar ame speed. In this research, ame front
area was calculated considering hemispherical ame
front and its intersections with Mexican hat top of
piston and cylinder walls. Thermal boundary layer
was considered in combustion process to provide a
better agreement for predicted mass fraction burned
at the end part of combustion process when compared
with experimental results. Thermodynamic properties
of reactants and products including methane have
precisely been obtained from correlations based on
JANAF thermo-chemical tables [19]. Emission and
performance characteristics of the engine have been
presented and discussed.

2. Engine speci cations and experimental
setup
2.1. Engine speci cations

The experimental engine was a Diesel-based turbocharged CNG engine. The main engine speci cations
are summarized in Table 2. The compression ratio of
engine had been reduced from 16.82 to 10.5 through
modi cation of piston bowl geometry in order to use
CNG instead of diesel fuel. The engine had been
equipped with new cylinder head, which enabled the
tting of spark plugs at the locations of diesel fuel
injectors. The engine had been turbocharged at Sharif
University turbocharging lab within the framework
of a previous research and development project in
cooperation with Sharif University and industry.

2.2. Experimental setup

The experimental investigation was carried out at the
turbocharging lab of Sharif University of Technology
(SUT); its schematic is shown in Figure 1. The test
bed was equipped with an eddy current dynamometer
with an accuracy of 1 Nm and 1 RPM. Ambient
temperature, engine charge air temperature after intercooler, charge mixture temperature at inlet manifold,
exhaust temperature before turbocharger turbine and
inlet and outlet coolant temperatures were measured by
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Figure 1. Schematic of turbocharging lab at Sharif University of Technology [20].
Table 2. The test engine main speci cations.
No. and arrangement
of cylinders
Displacement volume
Stroke
Bore
Connecting rod
Compression ratio
Number of valves
Turbocharger
Firing order
Spark timing
mean
Piston bowl vol.
Piston bowl upper
surface area
Combustion chamber
in cylinder head vol.

6 in line
11.58 liter
128 mm
150 mm
280 mm
10.5:1
2 inlets and 2 outlets
Twin-entry waste-gated
water-cooled CNG
Schweitzer S300G
1-5-3-6-2-4
25  bTDC
1.25
184 cm3
95 cm2
0 cm3

J and K -type thermocouples calibrated within 1 K.
Ambient pressure was measured by a strain-gauge
absolute pressure transducer calibrated with accuracy
of 136 Pa. Boost pressure was also measured with
accuracy of 136 Pa.
Since the engine was turbocharged, it was possible

Table 3. Technical parameters of AVL DiCom 4000 [23].
Measuring
No. Gas Measuring range
accuracy
1
2
3
4

CO
CO2
UHC
NOx

5

O2

0-10% by vol.
0-20% by vol.
0-20 000 ppm by vol.
0-5000 ppm by vol.
0-4% by vol.
4-22% by vol.

0.01% by vol.
0.1% by vol.
1 ppm by vol.
1 ppm by vol.
0.01% by vol.
0.1% by vol.

to use a bellmouth for engine air consumption measurement [21], with throat diameter of 3 inch (76.2 mm).
Di erential static pressure of the bellmouth throat and
ambient was measured with an accuracy of 10 Pa.
The ow calculation equation is:
p

q_ac (kg/s) = 0:022 P (mmH2 O);
(1)
where  is =s , i.e. ratio of air density at inlet of
bellmouth to that of standard conditions [22].
AVL exhaust gas analyzer of DiCom 4000 was
used to measure exhaust gas composition. Dry-basis
volumetric (or mole) fraction of CO2 , CO, O2 , UHC
and NOx were measured in accordance with the United
Nations Economic Commission for Europe (ECE) as
well as excess air ratio [23]. The measuring range and
accuracy is according to Table 3.
Spark timing was measured by AVL timing light.
Engine cylinder pressure variation with crank angle was
also measured by Kistler 6118B spark plug piezoelectric
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pressure transducer, CA encoder 2614A and TDC
sensor of 2629B. Experimental data were presented
according to DIN 70020 standard.
All experiments were performed in steady state
conditions at wide open throttle when the engine
speed became steady within 20 rpm, and exhaust
temperature became to some extend constant.

3. Modeling
The engine simulation model is a quasi-dimensional
two-zone model for describing dynamic behavior during
the compression, combustion and expansion strokes.
In this simulation, the combustion chamber is divided
into two zones by ame front. The rst zone contains
unburned and the second one contains burned mixture.
The ame front is assumed to travel by turbulent
ame speed which is a function of laminar ame speed.
The engine model uses Hohenberg correlation [24]
to estimate engine heat losses. It is assumed that
the ame propagates in a spherical like shape. The
frictional losses in an internal combustion engine can be
categorized into three main components: The rubbing
friction, the pumping work and the accessory work.
The simulation also includes Chen-Flynn friction model
to predict friction mean e ective pressure [25]. The
composition of the reaction products is calculated from
the chemical equilibrium of the 13 species at a given
pressure and temperature. Finally, using NewtonRaphson method, molar fraction of each species as well
as total mole fraction are calculated.

3.1. Turbulence simulation

Turbulence and combustion have twofold e ects. Turbulence wrinkles ame front and increases its area
in the combustion chamber. On the other hand
speci c volume of products is about four times that of
reactants [26]. This rapid volume increase of the gases,
passing through thin ame front in the limited volume
of the combustion chamber, produces turbulence. In
fact, turbulence intensi es combustion and also combustion increases the intensity of the turbulence.
Measurements at di erent points of combustion
zone show that turbulence intensity is relatively homogeneous. In addition where there is no considerable
swirl in intake ow, turbulence intensity is isotropic
during the steps near TDC [26].
The turbulence model has been built up using
mean values (averaged over the entire combustion
chamber volume) and no di erentiation between unburned and burned zones has been applied. Intake ow
through intake port, which behaves like a jet ow, is the
source of turbulence in the cylinder. Turbulent Kinetic
Energy (TKE) at the time of Intake Valve Close (IVC)
is assumed to be 20% of the intake ow mean velocity
squared [17]. There are 3 terms in k " equation which

are related to TKE dissipation and TKE production
due to compression and squish:






dkcomp
dksquish
dk
=
+
dt
dt
dt







dkdiss
:
dt

(2)

Turbulent kinetic energy production due to compression is calculated by assuming mass and angular momentum conservation of eddy. Turbulent production
due to squish is calculated from radial and axial
components of in-cylinder ow velocity near TDC.
Dissipation term is based on assuming that an eddy
is dissipated after a few turns [17].
Turbulent kinetic energy is calculated step by step
in each crank angle degree. Turbulence intensity is
calculated from TKE. Integral length scale is obtained
from mass conservation of eddy [17].

3.2. Laminar ame speed and EGR e ects

There are a lot of ame speed data for CNG and
methane, when mixed with other gases [27-34]. There
are also some experiment-based relations for pure
methane and CNG laminar ame speeds [17,26,35-38].
It is quoted by Lammle [17] that Witt and Griebel
proposed methane laminar ame speed relation considering special turbocharged combustion conditions,
i.e. higher unburned mixture temperature and cylinder
pressure. Witt and Griebel relation is valid for unburned temperatures up to 850 K, while those of others
like [35-37] are valid for up to 550 K and extended for
up to 650 K at most [38]. Their laminar ame speed
is in the following form for mixture of methane and air
without EGR:
SL = c:pcyld :

(3)

EGR e ects on CNG laminar ame speed are considered by experimental relation proposed by Liao [36].
Therefore laminar ame speed for mixture of methane
and air containing EGR takes the form:
2
SL = c:pcyld (5:4825:rgVol

4:1988:rgVol + 0:9952):
(4)

In this relation, pcyl is cylinder pressure, rgVol is total
EGR volumetric fraction and c and d are parameters
depending on Tu (unburned mixture temperature) and
 (fuel air equivalence ratio) as:
For pcyl < 7 bar:
c =( 1:03  10 2 Tu + 3:645):2

+ ( 4:12  10 6 Tu2 + 2:512  10 2 Tu
+ (8:78  10 6 Tu2
d = 7:5  10 1 2

7:68):

1:547  10 2 Tu + 4:19); (5)

1:6 + 1:337 2  10 4 Tu ; (6)
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and for pcyl > 7 bar:
c =( 6:906  10 5 Tu2 +6:875  10 2 Tu

25:13):3

+(1:155  10 4 Tu2 1:1523  10 1 Tu +46:47):2
+( 4:185  10 5 Tu2 +4:922  10 2 Tu 24:82):
+(6:57  10 6 Tu2

9:55  10 3 Tu +5:185);

d = 0:45:

(7)
(8)

3.3. Turbulent ame speed

Gulder [39] studied turbulent combustion models and
proposed the ratio of premixed turbulent ame speed
to laminar ame speed for 3 di erent combustion
regimes (wrinkled laminar- ame, amelets-in-eddies
regime, and distributed-reaction regime). He also used
experimental ame speed results of methane by [38,39]
for validation. Turbulent ame speed appropriate for
engine combustion is in the wrinkled regime and is
de ned as:
 0 1=2
ST
u
= 1 + 0:62
Re1T=4 :
SL
SL

(9)

In Eq. (9), ST and SL are turbulent and laminar ame
speeds, respectively. ReT is the turbulent Reynolds
number which is de ned as:
 0

u li U
ReT =
;
(10)

where u0 is the turbulence intensity of the cylinder
contents, U and  are the unburned mixture density
and dynamic viscosity, respectively, and li is the
integral length scale.

3.4. Novel approach for the end part of
combustion

When the ame approaches the cylinder walls, the
turbulent length scales that can wrinkle the ame front
reduce and consequently mass burning rate decreases.
Proximity of ame to the cylinder walls also leads to
higher heat losses and resulted in decrease of mass
burning rate. Finally the ame extinguishes due to
termination of reactants, low temperature of reactants
and lack of chemical radicals at the proximity of the
cylinder walls [40]. Keck [41] proposed an exponential
decay for nal mass burning rate. Therefore, it is clear
that turbulent burning velocity by itself is insucient
to describe a turbulent ame in an engine [40]. Thus,
in order to better simulate the end part of combustion
in this research, a thermal boundary layer has been
considered during the combustion process. There are
few references about the cylinder thermal boundary
layer. Lyford-Pike and Heywood [42] measured the
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thickness of thermal boundary layer in an IC engine.
This measurement was done by Schlieren approach on
di erent sections of combustion chamber, i.e. cylinder liner, cylinder head, and piston during complete
operating cycle. Taking the idea of thermal boundary
layer from [42], it has been assumed in this research
that thermal boundary layer thickness is equal to
quench layer. The temperature of thermal boundary
layer is low due to heat losses to cylinder walls, and
its thickness is calculated from mass fraction burned
curves. This thickness should be equal to a value
that if be subtracted from cylinder dimensions adjacent
to its walls, total mass fraction burned at the end
of combustion is equal to corresponding experimental
value.

3.5. Assumptions

1. Cylinder content is considered to be homogeneous
during compression and expansion processes.
2. Two-zone combustion model is used. Each zone is
assumed to be homogeneous.
3. It is assumed that all gases are ideal.
4. E ects of blow-by and crevices are ignored.
5. The ame front thickness is assumed to be negligible.
6. Cylinder wall temperature is assumed to be constant.
7. Combustion chamber wall surfaces in contact with
burned and unburned zones are calculated by considering a hemispherical ame progress with center
at spark plug.
8. Engine is running at steady state conditions.
9. Cylinder pressure at the end of each calculating
step is assumed to be uniform through the whole
cylinder.
10. Heat transfer between burned and unburned zones
is neglected; however each zone has heat losses with
the cylinder walls.
11. Thirteen species (CO2 , CO, H2 O, H2 , O2 , N2 ,
O, H, OH, N, NO, NO2 and unburned fuel as
CH4 ) are considered to be combustion products
and in chemical equilibrium during combustion and
expansion processes.
12. The e ects of EGR are considered in theoretical
validation calculations.
13. Turbulence is assumed to be homogeneous and
isotropic.
14. Intake manifold temperature and static pressure of
experimental results are assumed for mixture at the
rst step of compression.
15. Every degree of crank revolution is considered as
one step in theoretical calculations.
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3.6. NO formation kinetic model

The extended Zeldovich mechanism [26] is applied to
determine the rate of change of NO concentration
during combustion and expansion processes as:
d[NO]
2R1 f1 ([NO]=[NO]e )2 g
=
;
dt
1 + ([NO]=[NO]e )R1 =(R2 + R3 )

(11)

where:
R1 = k1+ [N2 ]e [O]e = k1 [NO]e [N]e ;

(12)

R2 = k2+ [N]e [O2 ]e = k2 [NO]e [O]e ;

(13)

R3 = k3+ [N]e [OH]e = k3 [NO]e [H]e ;

(14)

corresponding cylinder pressure for two di erent operating conditions have been presented and compared
with experimental results of [17] in Figures 2 to 5.
Considering thermal boundary layer in combustion
simulation resulted in negligible deviation between
simulation and experiment curves of the mass fraction
burned at end part of combustion as seen in Figures 2
and 4. Considering thermal boundary layer also
resulted in well simulation of combustion duration in
CAo. Cylinder pressure was also simulated well, shown
in Figures 3 and 5.

for the principal reactions, respectively, given as:
k+

N2 + O $1 NO + N;
k1

k+

N + O2 $2 NO + O;
k2

k3+

N + OH $ NO + H;
k3

(15)
(16)

Figure 2. Comparison of simulation, with and without
(17)

consideration of thermal boundary layer, with experiment
for mass fraction burned.

where [ ] denotes the concentration, and the subscript
e refers to the equilibrium value. The rate constants
k are in units of m3 /kmol/s and have been calculated
from GRI-MECH 3.0 [43].

3.7. Theoretical calculations

Calculations are carried out step by step with every
degree of crank revolution as one step. Heat losses from
cylinder contents to its surrounding surfaces is calculated by the Hohenberg semi-empirical relation [24],
the most appropriate relation for CNG engines [44].
Hence, the rst law of thermodynamic is satis ed for
each step. A hemispherical ame front propagates
from spark plug located at the center of combustion
chamber cylinder head. When this hemisphere radius
is less than li , turbulence does not wrinkle the ame.
As the ame radius increases, the e ect of turbulence
becomes more important. It is assumed that when the
ame radius reaches li , turbulent ame propagation
is established and its speed is calculated according
to Eq. (9). Two-zone combustion model is used to
simulate combustion process. Flame front propagation
and intersection with Mexican-hat bowl of piston and
cylinder liner are precisely calculated based on cylinder
geometry. Initial pressure and temperature of mixture
is estimated from experimental results.

3.8. Thermal Boundary Layer (TBL) e ects

In order to show the e ects of thermal boundary
Layer, two di erent predicted mass fraction burned and

Figure 3. Comparison of simulation, with and without

consideration of thermal boundary layer, with experiment
for cylinder pressure.

Figure 4. Comparison of simulation, with and without

consideration of thermal boundary layer, with experiment
for mass fraction burned.
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Figure 5. Comparison of simulation, with and without

consideration of thermal boundary layer, with experiment
for cylinder pressure.
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Figure 7. Variation of experimental and simulated values
of torque and BMEP with engine speed at mean = 1:25,
spark timing of 25 bTDC and WOT.

Figure 6. Experimental and simulated cylinder pressure
variation with crank angle at 800 rpm, part load, spark
timing of 25 bTDC and mean of 1.25.

4. Model validation, parametric study, test
results and discussions
It is necessary to study diesel-based NG engine performance and emissions by simulation and experimental
investigations. Emission generation characteristics of
pure natural gas is not especially well-known, hence
experimental investigation of NG combustion is necessary.

4.1. Model validation

Simulation model was validated with experimental
results for the pure CNG SI engine with main speci cations summarized in Table 2. Spark timing was
25 obTDC, mean was 1.25 and mean total EGR mass
fraction was assumed to be 2%. Figure 6 illustrates the
experimental and simulated cylinder pressure variation
with crank angle. As seen, there is a good agreement
between simulation and experiment.
Figure 7 shows the values of brake torque and
BMEP versus engine speed. Simulation results have
good agreement with those of experiments within
less than 4% deviation. Trend lines of all data are
the same. Torque variation as a function of engine
speed re ects the variation of volumetric eciency with
engine speed. Falling o in volumetric, mechanical and
thermal eciencies causes the decrease of the brake
torque at high engine speed. Torque back-up as its best
description was 13% according to the de nition [45]:

Figure 8. Variation of experimental boost static pressure
and its ratio with engine speed at mean = 1:25, spark
timing of 25 bTDC and WOT.

Torque back-up
=

maximum torque torque at maximum speed
:
torque at maximum speed
(18)

Figure 7 also illustrates variation of experimental and
simulated values of BMEP of the engine versus engine
speed which is similar to torque variation.
The waste-gated turbocharger has in uences on
brake torque and its back-up by boost pressure as
shown in Figure 8. This Figure shows variation
of boost pressure and its ratio versus engine speed.
Boost pressure increased linearly up to 1200 rpm, and
then its slope decreased. This was due to gradually
opening of waste-gate from 1200 to 1450 rpm. Boost
pressure became nearly constant at speeds higher than
1450 rpm, as waste-gate opening became nearly constant. By waste-gate opening, torque slope decreased
due to lower boost pressure slope as shown in Figure 7.
Opening range of waste gate had substantial e ects on
boost pressure. Figure 8 also shows boost pressure
ratio variation with engine speed. It became nearly
constant at 1.2 at high speeds.
Figure 9 presents the experimental and simulated
values of brake power at di erent engine speeds. There
was a gradual increase in power at high speeds. This
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Figure 9. Variation of experimental and simulated values

of power with engine speed at mean = 1:25, spark timing
of 25 bTDC and WOT.

Figure 11. Variation of experimental and simulated

values of Brake Speci c Fuel Consumption (BSFC) with
engine speed at mean = 1:25, spark timing of 25 bTDC
and WOT.

Figure 10. Variation of experimental and simulated
values of air consumption with engine speed at
mean = 1:25, spark timing of 25 bTDC and WOT.

trend can be conveniently justi ed by the volumetric,
thermal and mechanical eciency reductions as engine
speed increase. As it can be seen, the simulation result
had good agreement with that of experiment.
Figure 10 compares variation of simulated air consumption values versus engine speed with experimental
results. As seen, there is a good agreement between
simulation and experiment.
Figure 11 shows variation of Brake Speci c Fuel
Consumption (BSFC) values with engine speed. The
simulation result has good agreement with that of
experiment within at most 9% deviation. It shows that
BSFC rst decreases with increase in engine speed up
to 1000-1100 rpm and then increases as speed increases
further. Higher ratio of heat loss to inlet fuel energy
at lower speeds and increase in friction losses including
pumping losses at higher speeds were the causes of such
variation.
Figure 12 compares variation of simulated air consumption values versus engine speed with experimental
results. As can be seen, there is a good agreement
between simulation and experiment.

4.2. Parametric studies

The validated code has been used to study the e ects of
excess air ratio () and spark timing on NO emissions

Figure 12. Variation of experimental and simulated

values of NO emission with engine speed at mean = 1:2,
spark timing of 25 bTDC and WOT.

Figure 13. Variation of simulated NO emissions with

excess air ratio at 2030 rpm, spark timing of 25 bTDC
and WOT.

and also the e ects of excess air ratio (), EGR and
boost pressure on BSFC.

4.2.1. NO emissions
Figure 13 shows the e ects of lean-burn on engine NO
at 2030 rpm, WOT and spark timing of 25 bTDC.
NO emission increased with the increase of excess
air ratio until it reached to its peak value at about
1.1 from stoichiometric mixture. The reason is that
NO formation mechanism depends on both temper-
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Figure 14. Variation of simulated NO emissions with
spark timing at 2030 rpm,  = 1:234 and WOT.

Figure 16. Variation of Brake Speci c Fuel Consumption
(BSFC) with engine speed at three di erent EGR mass
fractions at mean = 1:25, spark timing of 25 bTDC and
WOT.

ratio, combustion duration increased substantially and
led to a little increase in BSFC. At higher excess air
ratios, ame speed decreased and created drivability
problems and at most partial burning of the charge.
Another e ect of lean operation is the lower exhaust
gas temperature which is of high importance for the
eciency of the catalyst, if it exists. Engine durability
and cost improve with the increase of excess air ratio.

Figure 15. Variation of Brake Speci c Fuel Consumption
(BSFC) with engine speed at three di erent excess air
ratios at spark timing of 25 bTDC and WOT.

ature and oxygen concentration. Although burned
gas temperature is higher for stoichiometric mixture,
the availability of oxygen results in the maximum NO
emission to be occurred at mixtures slightly leaner
than stoichiometric. The burned gas temperature and
consequently NO emission decreased when excess air
ratio was increased above 1.1.
Figure 14 indicates the e ects of spark timing on
engine NO at 2030 rpm, WOT and excess air ratio of
1.234. NO emission decreased with increase of spark
timing retard. This is due to burned gas temperature
reduction as a result of combustion process shift to
expansion process. At temperatures lower than 1800 K,
the extended Zeldovich mechanism is of low importance
due to high activation energy of (1) for detachment of
N atom from N2 molecule with the triple bond.

4.2.2. Excess air ratio
Figure 15 gives e ect of increase of excess air ratio on
variation of Brake Speci c Fuel Consumption (BSFC)
with engine speed. Both minimum and average of
BSFC increased at a rate of 1% for excess air ratios of
1.38 and 3% for excess air ratios of 1.5 compared with
excess air ratios of 1.25. Although the temperature of
the burned gas decreased with the increase of excess air

4.2.3. Exhaust Gas Recirculation (EGR)
Figure 16 indicates e ects of three EGR mass fractions
on variation of BSFC with engine speed. Increase
of EGR at a rate of 20% reduced the minimum and
average of BSFC, 5% and 8%, respectively. EGR
containing CO2 , H2 O and N2 caused higher overall
heat capacity of the in-cylinder mixture in comparison
with O2 and N2 which are normally a part of inlet
air. It resulted in lower burned gas temperature.
CO2 , H2 O and N2 also dissociated at high ame
temperatures and reduced burned gas temperature
more. Lower burned gas temperature resulted in lower
heat loss importance to cylinder walls and improved
BSFC. The e ect of lower burned gas temperature was
higher than longer combustion duration due to lower
O2 concentration that shifts combustion to expansion
process. Higher EGR also improves engine mechanical
eciency; therefore BSFC decreases as EGR increases.
4.2.4. Boost pressure ratio
Figure 17 illustrates BSFC variations at three curves of
increase in the boost pressure ratio, which have similar
trend with Figure 8. Here, by increasing the boost
pressure ratio up to 0%, 10% and 20%, maximum boost
ratios of 1.24, 1.37 and 1.49 are obtained, respectively.
The boost pressure ratio increase caused BSFC decrease, because engine friction depends on speed and
not on boost pressure considerably. Therefore higher
charge mixture at higher boost ratio produces higher
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Figure 17. Variation of Brake Speci c Fuel Consumption
(BSFC) with engine speed at three di erent boost
pressure ratios at mean = 1:25, spark timing of 25 bTDC
and WOT.

Figure 19. Variation of experimental CO concentration
with engine speed at mean = 1:25 and WOT.

speeds during valve overlap, consequently, residual gas
fraction increased and led to decrease in NOx emission
at higher engine speed.
Figure 18 also shows variation of brake speci c
NOx emission in exhaust gases with engine speed at
mean = 1:25 and WOT. Speci c emission (g/kWh) is
derived from emission concentration by:
Brake speci c emission
= 3600

Figure 18. Variation of experimental NOx and BSNOx
with engine speed at mean = 1:25 and WOT.
brake power per 1 g fuel considering nearly constant
engine friction with boost pressure change.

4.3. NOx emission

Figure 18 illustrates variation of NOx emission in
exhaust gases with engine speed at mean = 1:25 and
WOT. NOx emission occurs in hot combustion products. Three main factors which cause NOx emission,
are oxygen availability, high temperatures (more than
1800 K) and the time duration that combustion products remain at high temperature [26]. Enough oxygen
was available in the combustion process at the present
lean running conditions. The spark timing was kept
constant over the speed range. Therefore, comparing
with MBT timing, spark timing was relatively retard
at high engine speeds, causing a lower NOx emission
due to shifting combustion process to expansion stroke
with lower ame and combustion product temperatures. CNG fuel like other gaseous fuels does not
have the cooling e ect of vaporization. Therefore, the
mixture temperature at IVC would be high. The time
duration of high combustion temperature decreases as
the engine speed increases. Also ow pressure drop
of gas exchange processes was bigger at higher engine

MWemission m_ f
N

;
MWf Pb mix;dry emission

(19)

where m_ f is fuel consumption mass ow rate in g/s,
emission emission volumetric concentration, MWf and
MWemission are molecular weight of fuel and emission,
respectively, in g/mole, Pb is brake power in kW and
Nmix;dry is the total mole number of products per mole
of fuel Cx Hy for dry concentrations according to [46]:
Nmix;dry = 4:773



x + (1 O2 ;dry )y=4
1 4:773O2 ;dry



y=4;

(20)

in which O2 ;dry is the concentration of dry oxygen in
exhaust gases.
The BSNOx reduced with the increase of engine
speed due to spark retard (comparing with MBT timing), smaller duration of high combustion temperatures
and lower residual gas (or internal EGR), as explained
for NOx concentration.

4.4. CO emission

Figure 19 illustrates CO emission concentration in the
engine exhaust gases. Poor mixing of air and fuel,
incomplete combustion and rich regions produce higher
concentration of CO. It also substantially depends on
excess air ratio. At the lean mixture conditions, CO in
exhaust gases was due to poor mixing and incomplete
combustion. At constant spark timing during all speed
range, combustion shifted to expansion stroke as speed
increased and caused lower combustion temperature
and higher CO emission.

Sh. Kharazmi et al./Scientia Iranica, Transactions B: Mechanical Engineering 21 (2014) 1424{1439

1435

exhaust gases with engine speed. CO2 reduced at high
engine speed and attained a maximum in the medium
speed range.

5. Conclusions

Figure 20. Variation of experimental UHC and BSUHC
with engine speed at mean = 1:25 and WOT.

Figure 21. Variation of experimental CO2 and BSCO2
with engine speed at mean = 1:25 and WOT.

4.5. Exhaust unburned hydrocarbon

Figure 20 shows variation of unburned hydrocarbon
and BSUHC in exhaust emission with engine speed
at mean = 1:25 and WOT. Flame quenching near
wall surfaces and ame extinguishment within crevices,
as well as excessive cooling of the ame front, are
sources of HC development in engines at lean and
especially rich conditions. The trend was compatible
with expectations.
Figure 20 also indicates a minimum value of
16 g/kWh for BSUHC at 1120 rpm. As seen from
Figure 11, the point of best BSFC was at speeds around
1000-1100 rpm which corresponds to minimum BSFC.
This region obviously had the optimum combustion
and operation conditions and should provide the minimum BSHC.

4.6. CO2 emission

Figure 21 shows variation of exhaust gas brake speci c
CO2 and BSCO2 with engine speed at mean = 1:25
and WOT. BSCO2 had a minimum value of 852 g/kWh
at 1030 rpm with an average value of 2.6 g CO2 /g NG
for the test. The point of minimum BSCO2 corresponded to the point of minimum BSFC and optimum
operating conditions as seen in Figure 11.
Figure 21 also illustrates variation of CO2 in

In this paper, a turbocharged natural gas SI engine
was experimentally investigated at lean operating conditions. A model was also developed and validated with
experimental performance results. Good agreement
between simulated and experimental results showed the
accuracy of the developed model. E ects of excess
air ratio, EGR and boost pressure on BSFC as well
as e ects of the excess air ratio and spark timing on
NO emissions were investigated by parametric study.
Experimental emission and performance characteristics
of the engine were studied and discussed. The main
results are summarized as follows:
1. As a novel approach, it has been assumed that
thermal boundary layer thickness is equal to quench
layer thickness. The thickness should be equal to
a value if be subtracted from cylinder dimensions,
total mass fraction burned is equal to corresponding
experimental value. This assumption provides good
agreement between simulated and experimental
mass fraction burned curves.
2. Considering a thermal boundary layer in simulation
has substantial importance in mass fraction burned
curve, although its e ect on cylinder pressure simulation is low.
3. Waste-gated turbocharger a ects the brake torque.
By waste-gate opening, torque slope decreases due
to lower boost pressure slope. Torque decreases
with further opening of waste-gate as engine speed
increases. This results in a better torque back-up.
4. The BSFC is min at medium engine speeds due to
a lower heat and friction losses at WOT.
5. NO emission increases with the increase of excess
air ratio until it reaches its peak value at about
1.1 from stoichiometric mixture and then decreases.
NO emission also decreases with increase of spark
timing retard substantially.
6. The use of higher excess air ratio at a rate of 20%
increases minimum of BSFC 3% at constant design
and operating parameters.
7. It was found that increase of EGR at a rate of 20%
improves minimum of BSFC 5%.
8. Gradual opening of waste-gate decreases boost
pressure gradient as speed increases at WOT. Then
boost pressure remains nearly constant at speeds
higher than 1450 rpm.
9. The BSNOx reduces with engine speed increase. It
is due to the spark retard compared to MBT timing,
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shorter time for high combustion temperatures and
higher residual gas mass fraction.
10. The trend of BSCO2 versus engine speed is similar
to the BSFC, as expected.
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Nomenclature
k
li
MW
N
NOx
Nmix;dry
P
Pb
pcyl
q_ac
ReT
rgVol
rpm
SL
ST
Tu
T
u0
mean


U
s



emisson
O2 ;dry
P

Turbulent kinetic energy
Turbulence integral length scale
Molecular Weight
Engine speed (rpm)
Nitric oxides
Total mole number of products per
mole of fuel
Pressure (kPa)
Brake power (kW)
Cylinder pressure (bar)
Engine air consumption
Turbulent Reynolds number
Residual gas volumetric fraction
Round per minute
Laminar ame speed
Turbulent ame speed
Unburned mixture temperature
Temperature (K)
Turbulence intensity
Mean excess air ratio
Unburned mixture dynamic viscosity
Air density
Unburned mixture density
Air density at standard conditions
Air density to its standard density
(= =s )
Fuel air equivalence ratio
Emission volumetric (or molar)
emission
O2 dry concentration in exhaust gases
Pressure di erence (mmHg and
mmH2 O)

Acronyms
BMEP
Brake Mean E ective Pressure

BSCO2
BSFC
BSNOx
BSUHC
bTDC
CA
CI
CNG
ECE
EGR
EXP
GHG
IMEP
IVC
MBT
RON
SI
SIM
TBL
TDC
TKE
UHC
WOT

Brake Speci c CO2 emission
Brake Speci c Fuel Consumption
Brake Speci c NOx emission
Brake speci c unburned hydrocarbon
Before Top Dead Center
Crank Angle
Compression Ignition
Compressed Natural Gas
Economic Commission for Europe
Exhaust Gas Recirculation
Experimental
Green House Gas
Indicated Mean E ective Pressure
Intake Valve Close
Minimum advance for Best Torque
Research Octane No.
Spark Ignition
Simulated
Thermal Boundary Layer
Top Dead Center
Turbulent Kinetic Energy
Unburned hydrocarbon
Wide Open Throttle

Subscripts
b
cyl.
f
L
T
u

Burned
Cylinder
Fuel
Laminar
Turbulent
Unburned
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